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Recovering waste heat efficiently is crucial to addressing global energy challenges and mitigating climate
change, positioning heat pipe heat exchangers (HPHXs) as a promising solution. However, the computational
modeling of HPHXs, particularly for finned configurations, remains challenging due to high computational costs.
Consequently, existing research predominantly focuses on unfinned heat exchangers, while the performance of
finned designs is typically estimated using empirical correlations or experimental data. Comprehensive analyses
of finned HPHXs undergoing phase changes remain scarce. This study addresses these challenges by introducing
a thermal design framework that approximates heat pipes as solid conductors with effective thermal conductivity
and models finned sections as porous media. This innovative framework not only streamlines computational
modeling but also enables accurate thermal performance predictions without reliance on experimental data.
Using the proposed framework, HPHXs were modeled with 95 copper two-phase closed thermosyphons (TPCTs)
and baffles, providing precise thermal performance analysis. To validate the framework, a full-scale HPHX test
module was developed and experimentally tested. The model successfully predicted the performance of an HPHX
recovering 30.2 kW of waste heat, achieving a thermal effectiveness of 0.78 and predictive accuracy within +6.2
% of the measured energy recovery rate. This research establishes a reliable and scalable methodology for
designing efficient HPHXs, representing a significant advancement in industrial waste heat recovery systems.

impact. In 2021, the Lawrence Livermore National Laboratory reported
that the United States wasted 65.4 quads (6.5 x 10'® Btu) of energy,
accounting for ~67 % of its total energy consumption of 97.3 quads
(10.3 x 10'® Btu) [4]. This energy waste is largely attributed to the
inefficiencies in the conversion of raw materials into useable energy,

1. Introduction

Energy is a fundamental driver of human activities and development,

making it a critical component in assessing the industrial economy.
However, rapid population growth has accelerated the depletion of
energy resources [1,2]. Over the past few decades, global energy de-
mand has increased exponentially, increasing from 8588.9 million
tonnes of oil equivalent (Mtoe) in 1995 to 13,147.3 Mtoe by 2015 [3].
This steady rise in energy consumption has been paralleled by an
exponential increase in greenhouse gas emissions, presenting significant
challenges in improving energy efficiency and mitigating environmental

resulting in substantial losses during energy conversion processes.
Research by Cullen and Allwood found that roughly 63 % of the world’s
primary energy is lost through combustion and heat transfer processes
[5], with a significant portion discarded as waste heat [6]. Recovering
and reusing waste heat presents an opportunity to achieve substantial
energy savings, and enhance process efficiency, thereby addressing
critical environmental challenges [7].
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Nomenclature T temperature [°C]
t thickness [mm]
A area [mm?] u fluid velocity [m/s]
a fitting coefficient w width [mm)]
b fitting coefficient
C heat capacity rate [W/K] Greek symb?ls
Cq viscous resistance coefficient 4 dlfferenc.e. 5
Cs inertial resistance coefficient a perme.:ablhty (m”]
Cij inertial loss coefficient matrix € effectl\{engss .
P specific heat [J/kgK] u dyna.mlc v1sco§1ty [kg/m-s]
D, heat pipe outer diameter [mm] I density [kg/m"]
D. condenser inlet-outlet diameter [mm] Subscripts
D, evaporator inlet-outlet diameter [mm] air air
Dy viscous loss coefficient matrix c condenser
H height [mm] e evaporator
h heat transfer coefficient [W/m?K] off effective
k thermal conductivity [W/m-K] in inlet
An porous media thickness [m] max maximum
L. length [mm] min minimum
m mass flow rate [kg/s] out outlet
Q heat transfer rate [W] water
S; momentum source term in the ith direction [kg/(rn2~52)] wall wall
St transverse spacing [mm]
SL longitudinal spacing [mm]

HPHXs transfer heat from high-temperature sources to low-
temperature sinks through the phase change of working fluid, alter-
nating between liquid and vapor states [8]. This phase-change mecha-
nism allows HPHXs to operate efficiently even with small temperature
differentials while exhibiting excellent resistance to thermal deforma-
tion. Additionally, their straightforward design ensures easy mainte-
nance, making them a reliable choice for industrial applications.
Because of these advantages, HPHXs are widely employed for waste heat
recovery in various sectors, including steel production [9], petrochem-
ical and chemical industries, power generation, construction materials
[10,11], automotive manufacturing [12], and air-conditioning systems
[13,14].

To develop efficient heat exchangers for waste heat recovery in in-
dustrial applications, it is essential to understand and accurately predict
the impact of geometric design and operating conditions on heat and
fluid performance. However, experimentally analyzing these parameters
can be both time-consuming and costly due to the complexity of heat
transfer, which is influenced by various parameters. Several researchers
have developed empirical models to assess the performance of HPHXs.
For example, Longo et al. [15] and Jouhara et al. [16] utilized the widely
recognized log mean temperature difference (LMTD) method to evaluate
the thermal performance of HPHXs, with their results closely matching
experimental data. Additionally, the e-NTU approach is commonly used
for evaluating heat exchanger efficiency and has been applied in
numerous studies [17,18] to assess HPHX performance. However, these
empirical models often struggle to accurately predict the behavior of
new systems or conditions that lack sufficient and diverse data. To
overcome these limitations, computational analysis has been increas-
ingly employed to evaluate the thermal heat and fluid performance of
heat exchangers. This approach aims to enhance prediction accuracy,
optimize geometries, and reduce computational costs. Mrooue et al. [19]
used a thermal network model of a two-phase closed thermosyphon
(TPCT) to investigate phase change phenomena in heat pipe compo-
nents, yielding predictions that closely aligned with experimental data,
with a margin of error less than 10 %. Cho et al. [20] developed a model
based on mass balance and operational saturation points to accurately
predict TPCT behavior, with a maximum deviation of just 6 % compared
to experimental results. Brough et al. [21] conducted a full-scale HPHX

simulation using a TRNSYS-based computational model, reporting
exceptional prediction accuracy within +4 % of experimental results for
heat recovery from exhaust gases in a ceramic kiln system. Selma et al.
[22] developed a simulation in OpenFOAM to analyze a finned HPHX
used in HVAC systems for waste heat recovery. Their study focused on
optimizing geometry by analyzing fluid flow and thermal performance,
leading to a 24 % improvement in performance and a 30 % reduction in
pressure drop. Similarly, Geum et al. [23] computationally optimized
HPHX geometries and experimentally verified a heat recovery rate of
19.7 kW from hot air flow.

Several studies have focused on minimizing computational costs
while enhancing prediction accuracy for complex HPHX systems. Ramos
et al. [24] treated heat pipes as solid conductors with high thermal
conductivity, achieving accurate predictions of heat transfer rates and
efficiency within an error margin of just 10 %. Varol et al. [25]
employed two-dimensional symmetric computational domains to
reduce computation time for HPHX systems with smooth internal tubes.
Lindqvist and Nass [26] introduced a computational domain that uti-
lized geometric periodicity, simplifying calculations for the
heat-hydraulic performance of finned tube bundles. To further reduce
computational costs, several studies have applied the porous media
model. Qu et al. used this model to analyze a finned oval tube heat
exchanger [27]. Guler [28] applied a porous media model in ANSYS
Fluent to analyze the thermal performance of vehicle radiators, treating
a section of the radiator as a unit cell with periodicity. This approach
yielded a 2.5 % error in outlet temperature predictions. Gangapatnam
and Priyatham [29] conducted a numerical study on forced convection
heat transfer within high-porosity aluminum foam, using the porous
media model. Their local thermal non-equilibrium (LTNE) model
matched experimental results with an error of 15 %. A.M. Hayes and
Jamil A. Khan [30] employed the porous media model and LTNE for a
matrix heat exchanger, obtaining the heat transfer coefficient (HTC)
from a numerical model based on experimental data. Their uncertainty
analysis, using the Kline-McClintock method, revealed a 2.7 % error in
the calculated HTC.

Before the fabrication of heat exchangers, validation through
computational fluid dynamics (CFD) is essential, as it significantly re-
duces time and costs compared to experimental testing. However, many
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studies simplify simulations by assuming thermal equilibrium in porous
media, which can compromise accuracy in systems with complex ge-
ometries and diverse operating conditions. While thermal non-
equilibrium models provide greater precision, they often depend on
empirical correlations and experimental data, creating challenges in
accurately modeling finned HPHXs. This highlights the need for a robust
analytical approach capable of modeling heat exchangers with
numerous fins effectively. This study introduces a thermal design
framework to address the challenges of accurately modeling thermal
non-equilibrium in HPHXs. The approach employs unit cell models to
characterize flow resistance and heat transfer rates within porous media,
enabling precise predictions of HPHX thermal performance. The
framework was validated through experimental testing under various
flow conditions, where it demonstrated superior accuracy and reliability
compared to conventional thermal equilibrium analyses. A key advan-
tage of the proposed framework is its ability to deliver accurate pre-
dictions for complex geometries without relying on empirical
correlations or extensive experimental data. This capability significantly
reduces computational costs and eliminates the need for empirical
tuning. By streamlining simulations, the framework enables faster and
more cost-effective optimization of HPHX designs, enhancing thermal
performance while minimizing resource consumption.

Although this study focuses on the fundamental development of heat
exchangers for waste heat recovery, the findings offer valuable insights
for optimizing the geometric design of HPHX systems across a range of
applications, including gas turbine exhaust, steel heat treatment, and
organic chemical processing [31].

2. Computational model

A full-scale conjugate simulation of fluid flow and heat transfer was
performed to predict the thermal performance of an HPHX. The HPHX
was equipped with 95 finned heat pipes to enhance heat transfer from
the evaporator to the condenser. Each heat pipe featured 115 circular

Water inlet
(a) Water outlet Tj”:zo G gsb)
m,, =0.106~0.190kg/s

P,.t=0Pa

H.= 125 mm

[Separator]
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Air outlet
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copper fins designed to minimize convective thermal resistance. To
optimize computational efficiency, a porous media model was applied to
the finned areas. Additionally, two different heat transfer models
(nonequilibrium and equilibrium) were implemented in the porous
media zone to assess performance under varying conditions. The ther-
mal design framework for the HPHX was developed through a system-
atic approach. First, flow resistance was calibrated using unit cell
simulations that simplified the complex fin geometry. Then, the heat
transfer coefficient within the porous media was determined by
comparing heat transfer rates between a finned tube and its porous
media equivalent. These calibrated parameters were subsequently in-
tegrated into a full-scale model to simulate the thermal performance of
the HPHX. Finally, the model’s accuracy was validated by comparing its
predictions with experimental data obtained from a constructed heat
exchanger.

2.1. Full-scale conjugate simulation

Fig. 1 illustrates the geometry and boundary conditions used in this
study for the HPHX. The base geometry was derived from the optimal
shape determined in previous research by the authors [23]. It consists of
a high-temperature evaporator section and a low-temperature
condenser section. Air and water were used on the high-temperature
evaporator and low-temperature condenser sides, respectively. As
shown in Fig. 1(a), the dimensions of the HPHX were 540 mm (W) x
540 mm (L) x 445 mm (H). The inlet and outlet locations for the
evaporator and condenser sections are depicted in Fig. 1(b) and (c),
respectively. The air inlet and outlet had an internal diameter of 299.5
mm and were connected to the 300 mm high evaporator section on the
high-temperature side. The water inlet and outlet, each with a diameter
of 33.0 mm, were connected to the condenser section, which had a
height of 125 mm and was positioned on the top of the HPHX. A
20-mm-thick separator, made from Al6061 (k = 167 W/m-K), was
installed between the evaporator and condenser sections. To optimize

(C)}]E“ 5,=54 mm L
; Water

S; =54 mm inlet
Water -
outlet L
@+« D.=33mm
(f) leo
i) i Water
S| Air | inlet
outlet l .
B = O Water
=432 mm outlet | |
i sl o1

Fig. 1. | Configuration of an HPHX. (a) Schematic representation of the computational domain and its boundary conditions. (b) Diagrams of the geometry of the
evaporator inlet and outlet (b) and the condenser inlet and outlet (c). (d) Configuration of the partial fins and heat transfer pathway. (e-f) Representative baffle

designs in the evaporator (e) and condenser (f).
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the contact area between the working fluid and the heat pipes, two
baffles were installed in the evaporator section and four in the condenser
section, each 2 mm thick. Additionally, to simplify the computational
complexity of the phase change process within the heat pipes, a solid rod
with an effective thermal conductivity of kg = 65,000 W/mK replaced
the heat pipe in the model [32]. The heat pipes themselves had a D, =
28.6 mm, each equipped with 115 fins. These fins had tr= 0.5 mm, Hy =
4.5 mm, and Sy = 2.8 mm. In the evaporator section, 85 fins were
distributed along 278.5 mm of the total 300 mm length, while in the
condenser section, 30 fins were installed along 99 mm of the 125 mm
length. The 95 heat pipes were arranged with a center-to-center spacing
(St = S1) = of 54 mm within the HPHX.

The simulation was performed under steady-state conditions with
incompressible fluid flow. The SIMPL algorithm was used to couple
pressure and velocity, and a least-squares cell-based approach was
applied for gradient discretization. A second-order scheme was
employed for pressure discretization, while momentum and energy were
discretized using a second-order upwind method. The k-¢ realizable
model was selected for the simulations due to its superior accuracy at
higher Reynolds numbers and pressure gradients [33]. Convergence
criteria were set to below 1072 for the continuity equation, velocity
components, k, and ¢, and below 107° for the energy equation [34].

For the evaporator section, the inlet boundary condition was speci-
fied by mass flow rate and Tg;r,in = 200 °C. The condenser section used a
mass flow rate condition at the inlet, with an inlet temperature T, ;, set
to 20 °C. Pressure outlet conditions were applied to both outlets. The no-
slip condition, along with coupled boundary conditions, was imposed at
all fluid-solid interfaces, while the remaining walls were treated as
adiabatic.

Polyhedral meshing was adopted, and an inflation mesh with 10
layers and a growth rate of 1.2 was applied to all fluid-solid interfaces.
Mesh independence tests were conducted, with a total element count
reaching up to 65 million. The heat transfer rate variation remained
within 1 % for meshes containing more than 39 million elements.
Therefore, a mesh with 39 million elements was selected for all full-scale
simulations to balance accuracy and computational cost. Detailed mesh
independence test results are provided in Appendix A of the Supporting
Information.

2.2. Porous media model approach

A porous media model was applied around the region containing 115
fins on each tube to accurately capture the thermofluidic behavior of the
finned HPHX, significantly reducing computational costs. As shown in
Fig. 2(a), the porous media zone spans 278.5 mm along a 300-mm tube
in the evaporator section and 99 mm along a 125-mm tube in the
condenser section. The application of the porous model involved two

Single fin

(a) Full-scale HPHX
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key steps: first, determining the flow resistance needed to predict fluid
flow accurately within the porous media, and second, selecting an
appropriate heat transfer model to calculate the heat transfer rate
accurately. Both flow resistance and heat transfer coefficients for the
finned HPHX were characterized using two distinct unit cell models.

2.2.1. Determination of flow resistance in the porous media model

To model the flow resistance induced by discrete pins, a momentum
source term S; is introduced on the right-hand side of the momentum
equation in the porous media model. The momentum source term in the
i-th direction is given by:

3 3. 1
Si=— (ZDijyuj + ZCijEp\uhtj . (€8]
=1 =1

The right-hand side of the equation represents the viscous loss and
inertial loss, respectively. Here, D; and C; are the matrices for the
viscous and inertial loss coefficients, respectively. For a simple homo-
geneous porous medium, the viscous loss coefficient D;; simplifies to u/a,
and the inertial loss coefficient C; simplifies to C», where y is the dy-
namic viscosity, a is the permeability of the medium, and C; is a constant
that accounts for the inertial loss. Thus, the momentum source term can
be written as follows:

1 1
Si=— (gui"!‘CZEplului) = - (Clﬂui+C2§p‘u|ui>v 2

where a denotes the permeability, C; represents the viscous resistance
coefficient (defined as a™?), and p is the fluid density. The pressure drop
(AP) was obtained from unit cell simulations for inlet velocities ranging
from 1 to 10 m/s, using air and water for the evaporator and condenser
sections, respectively. The relationship between AP and velocity (u) was
determined and can be expressed by the following equations [35]:

AP=—S;An = au® + bu, 3)

where a and b are fitting coefficients, and An is the thickness of the
porous media. By comparing Eqns. (2) and (3), the resistance co-
efficients and fitting coefficients a and b for the porous media can be
written as follows:

1
a= ECZ'UA“’ (4a)

b=CiuAn. (4b)

In the porous media model, Eqns. (4a) and (4b) are used to calculate the
viscous and inertial resistance coefficients, respectively. For analysis,
isotropic flow resistance was assumed. For air, the calculated viscous

(b) Circumferential direction

[Outlet]
Py =0 pa

oy
; * W=45mm
= )
A
“55

2

[inlet] ~
Velocity 1-10 m/s
T;, = 20 °C(water),200 °C(air)

D: Porous zone

Fig. 2. | Porous media model approach in the HPHX. (a) Three-dimensional (3D) fin tube and 3D porous region. (b) Computational domain and boundary

conditions used to determine the resistance coefficient in the porous media model.
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resistance coefficient is 4.3 x 10°, and the inertial resistance coefficient
is 30.76. For water, the viscous resistance coefficient is 6.5 x 10°, and
the inertial resistance coefficient is 24.82.

2.2.2. Determination of heat transfer rate in the porous media model

Two distinct heat transfer models are employed to control the heat
transfer rate in the porous media model: i) local thermal equilibrium
(LTE) and ii) local thermal nonequilibrium. LTE assumes thermal equi-
librium between the solid and liquid phases, eliminating the need for a
separate HTC value. However, LTE tends to overestimate the heat
transfer rate in porous media because it assumes ideal heat exchange
with an infinitely high HTC between the solid and fluid phases, meaning
two different temperatures can exist. To accurately calculate heat
transfer within porous media using LTNE, an HTC between the solid and
fluid phases must be specified.

The heat transfer coefficient in porous media was determined using a
unit cell model, as illustrated in Fig. 3. The heat transfer rate was
initially calculated for a model featuring fins on the tube. This rate was
then compared to that of a model where the fins were replaced with
porous media, allowing the appropriate HTC for the LTNE model to be
determined. The unit cell analysis was performed on a single finned
tube, placed 45 mm from the entrance and 205 mm from the exit to
minimize any end effects. The same fin geometry (t; Hy, Sy) was used to
obtain the heat transfer rate through the finned tube (Fig. 3(a)), while
the finned area was substituted with porous media to calculate the heat
transfer coefficient in porous media (Fig. 3(b)).

A velocity inlet boundary condition was applied for both air and
water, with inlet temperatures set to 200 °C for air and 20 °C for water. A
pressure outlet boundary condition was applied at the exit. In a typical
fin-tube heat exchanger, the fluid velocity varies depending on the area
through which the fluid flows. For the geometry in this study, the
minimum velocity occurs at the inlet, while the maximum velocity ap-
pears between the transverse spacings of the tube. Based on this ge-
ometry, the velocity range was calculated, and the HTC (u) was
determined to range from 6.63 to 10.27 m/s for air and 0.05-0.08 m/s
for water. To account for the effects of multiple tube bank configurations
within the heat exchanger, the HTC for a single tube was adjusted by
applying a correction factor of 0.64 [36]. The resulting range of HTCs
used in the LTNE model is provided in Table 1.

3. Experimental method
A full-scale HPHX test module was developed to experimentally

validate the predictive accuracy of the proposed computational model.
An open-loop system was constructed for testing, and experiments were

Fin

H=34mm §
'4

Symmetry wall Outlet
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Table 1
| HTC as a function of flow rate.
Air mass flow rate HTC,;, [W/ Water mass flow rate HTCywater [W/
[kg/s] m*K] [kg/s] m*K]
0.115 271 0.106 5354
0.139 327 0.124 6264
0.165 389 0.143 7224
0.189 445 0.167 8436
0.215 506 0.190 9598

conducted within the operational range defined in the analysis. Thermal
and fluid characteristics were measured, and the accuracy of the
computational analysis was confirmed through these experiments.

3.1. HPHX design and fabrication

Fig. 4(a) shows the heat pipe component, which was fabricated and
tested to experimentally validate the HPHX. The dimensions of the TPCT
and heat exchangers in the experimental setup were identical to those
used in the numerical model. Water was selected as the working fluid for
the TPCT, with a filling ratio of 35 %, based on an optimal value iden-
tified in a previous study [37]. Noncondensable gases were removed
from the water using an induction heating method [38], which proved to
be an efficient alternative to conventional vacuum-based techniques.
Several TPCTs were simultaneously heated to 250 °C using ambient
induction coils to ensure complete degassing by boiling the working
fluid intensely. After the degassing period, the TPCTs were sealed using
ultrasonic welding. Before production, 95 heat pipes were leak-tested
using vacuum pumps to verify their airtightness. After the TPCTs were
fabricated, their filling ratio was confirmed by measuring their weight.

Fig. 4(b) shows a photograph of the assembled HPHX. The cover of
the HPHX was made from 5-mm stainless steel, while the evaporator and
condenser were constructed from 20-mm-thick Al 6061. To manage the
high flow rates of hot air and cold water, two baffles were installed in the
evaporator and four in the condenser. These 2-mm stainless-steel baffles
were welded to the HPHX enclosure. A silicone gasket was placed be-
tween the separation plate and the heat exchanger cover, while poly-
tetrafluoroethylene tape was wrapped around the threaded sections of
each finned heat pipe to prevent leakage.

3.2. Experimental setup and test conditions
Fig. 5 illustrates a flow loop designed to assess the thermal perfor-

mance of the HPHX. To maintain a constant temperature of 200 °C at the
evaporator inlet, the air was preheated using a 300 kW duct heater

Porous zone

(b) -

Symmetry wall Qutlet

Fig. 3. | Unit-cell analysis for determining heat transfer coefficients in a porous media model. (a) A unit cell containing a finned tube. (b) A unit cell with the

finned region is replaced by porous media.
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Fig. 5. | Thermal testbed for evaluating HPHX thermal characteristics. Preheated air (200 °C) was fed into the evaporator with flow rates ranging from 0.115 to
0.215 kg/s, measured by a venturi meter. Air temperatures at the inlet and outlet were recorded using K-type thermocouples. Water at 20 °C was supplied to the
condenser with flow rates ranging from 0.106 to 0.190 kg/s, measured by an electromagnetic flowmeter. K-type thermocouples monitored water temperatures at
both the inlet and outlet.

(Joul) before being directed into the evaporator by a blower. The air
mass flow rate was recorded with a venturi meter, positioned upstream
of the HPHX. The measurement of air flow rate is based on the pressure
recorded using a Venturi (differential pressure transmitter, Honeywell,
STD810). The design and measurement method for the Venturi adhere
to the procedures outlined in ISO 5167-4 standard [39]. Four K-type
thermocouples (OMEGA, KMTXL-062G-12) were strategically placed to
measure the inlet and outlet temperatures of the evaporator. To ensure
uniform temperature distribution and facilitate proper mixing of the hot
air before entering the heat exchanger, four 10-mm thick stainless-steel
baffles were installed between the heater and the venturi. These mea-
sures ensured exceptional temperature uniformity at the inlet, with a
temperature variation of less than 1 °C. In the condenser, water was
supplied at 20 °C from a tank, which was maintained at a constant
temperature by an internal HPHX and an external chiller. The water
mass flow rate was recorded using an electromagnetic flowmeter
(TOSHIBA, LF630) before entering the HPHX, and the temperatures at
both the inlet and outlet were monitored with K-type thermocouples

(OMEGA, KMTXL-062G-12). To minimize heat loss during the tests, the
entire exterior of the HPHX was insulated with fiberglass material.
Temperatures, air mass flow rates, and water mass flow rates were all

Table 2
Parameters of the experimental setup.

No  Evaporator inlet Condenser inlet

Mass flow rate Temperature Mass flow rate Temperature
[kg/s] [°C] [kg/s] [°C]
1 0.115 200 0.143 20
2 0.139
3 0.165
4 0.189
5 0.215
6 0.165 0.106
7 0.124
8 0.167
9 0.190
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recorded using a data acquisition system (VTL, EX1032A). A summary of
the experimental operating conditions is provided in Table 2. Each
experiment was repeated at least three times to ensure setup accuracy
and result consistency. The temperature, flow rate, and differential
pressures measured in the repeated experiments exhibited consistent
values with an error margin of less than 1 %. This repetitive testing
approach ensured the reliability and precision of the data, reinforcing
the robustness of the experimental design.

3.3. Experimental data reduction

The thermal performance of the HPHX was assessed by evaluating
heat transfer rate and effectiveness. Temperature and flow rate data
were measured over an average duration of 600-s under steady-state
conditions. The heat transfer rate, Q, was calculated as the average of
the heat transfer rates at the evaporator and condenser (Q. and Q,
respectively), determined as follows:

Q.= maircp,air (Tair,in - Tair.out) ) %)
Q= mwcp,w (Tw.out - Tw,in) ) (6)

where m represents the mass flow rate, and c, is the specific heat of the
working fluid. The inlet and outlet fluid temperatures at the HPHX are
denoted as Tj; and Ty, respectively. The values for Q. and Q. were
calculated based on the arithmetic average of the fluid temperatures
measured at the HPHX’s inlet and outlet.

The heat capacity rates of the air and water fluids in the evaporator
and condenser sections (C, and C.) are defined as:

Ce = n:laircp.airy (7)

C. =MyCpw- (8

The effectiveness of the HPHX, ¢, is defined as the ratio of Q to the
maximum possible heat transfer rate, Quax, shown as follows:

Q

—_< 9
O’ ©

&

where Qnayx is determined using the minimum heat capacity rate (Cpin)
between the air and water flows, along with the temperature difference
at the inlets of both fluids:

Qma.x = Umin (Ta'u.in - Tw,in)~ (10)

The overall thermal resistance of the HPHX, R;: (K/kW), can be
calculated using the following equation:

ATy

R = Q 5

(1)

where Q is the heat transfer rate and ATy is the logarithmic mean
temperature difference between the inlet and outlet of the air and water
streams. The logarithmic mean temperature difference, ATyy, for a
cross-flow heat exchanger is given by Ref. [40]:

Tairin — Twaer,
ATLM = [(Tair.in - Twater.out) - (Tair,out - Twater.in)] /ln (w> .

Tair.out - Twater. in

12)
3.4. Uncertainty analysis
The uncertainty in the Q and ¢ was evaluated following the guide-

lines in the GUM [41]. The combined standard uncertainty (5f) was
calculated as follows [42]:

2
=3, (g 6xi) , (13)
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where 0f /0x; represents the sensitivity coefficient, and 6x; denotes the
standard uncertainty of each independent variable. The experimental
measurements for Q. and Q. showed an average discrepancy of 0.8 %,
which was also observed in the measured values for eevap and econg. The
average relative uncertainties were 0.79 % for Q, 1.59 % for Q., and
1.20 % for e. A summary of the calculated uncertainties for Q., Q., and ¢
is provided in Appendix C of the Supporting Information.

4. Results and discussion

A full-scale conjugate analysis was conducted to evaluate the energy-
harvesting potential of the HPHX. A porous media modeling approach,
incorporating LTNE effects, was employed to perform an in-depth heat
transfer and fluid flow analysis across a broad spectrum of operating
conditions. The highest-performing HPHX, as identified through the
porous media analysis, was subsequently validated through extensive
full-scale experimental testing.

4.1. Result analysis of LTE and LTNE at full scale

The performance was assessed using various thermal models within
the porous medium during a comprehensive full-scale conjugate anal-
ysis. Figs. 6 and 7 illustrate the variations in heat transfer rate, effec-
tiveness, fluid temperatures, and overall thermal resistance under LTE
and LTNE conditions as a function of water and airflow rates.

Under LTE conditions, the total energy harvested ranged from 20.6
to 37.3 kW for air mass flow rates between 0.115 and 0.215 kg/s, and
water mass flow rates between 0.106 and 0.190 kg/s. In contrast, under
LTNE conditions, the energy harvesting capacity decreased to a range of
16.9-27.9 kW for the same flow rates. Additionally, the effectiveness
was significantly higher under LTE conditions, ranging from 0.95 to
0.99, compared to 0.72 to 0.83 under LTNE conditions. This disparity
arose because LTE assumes uniform temperatures across the solid and
fluid phases within the porous media, resulting in an infinitely high heat
transfer coefficient and thus overestimating heat transfer and
effectiveness.

As shown in Fig. 6(a), under LTE conditions, the heat transfer rate
increased substantially from 20.6 to 37.3 kW, reflecting an approximate
81 % increase as the air mass flow rate increased from 0.115 to 0.215
kg/s, with the water mass flow rate held constant at 0.143 kg/s. This
increase is mainly attributed to improved convective heat transfer and
reduced advective thermal resistance at higher air mass flow rates. In
contrast, under LTNE conditions, as illustrated in the same figure, the
heat transfer rate rose from 16.9 to 27.9 kW, a 65 % increase for the
same flow rate variation. This is about 16 % lower than the increase
observed under LTE conditions. The smaller rise under LTNE conditions
can be explained by the finite heat transfer rate within the porous media,
which moderates the effect of the increased air mass flow rate compared
to the LTE scenario.

Fig. 6(b) shows that the heat transfer rate also increases as the water
mass flow rate rises from 0.106 to 0.190 kg/s. Under LTE conditions, the
heat transfer rate increased modestly from 28.4 to 29.8 kW, a 4.9 % rise.
Under LTNE conditions, the heat transfer rate increased from 21.9 to
23.6 kW, a 7.7 % increase. While increased flow rates of both working
fluids lead to higher heat transfer rates in the HPHX, the effect of
changes in water flow rate is less pronounced than that of air mass flow
rate changes. This is because water’s high heat capacity reduces the
influence of advective thermal resistance within the total thermal
resistance, resulting in less variation in the heat transfer rate as water
flow rates change.

Notably, the increase in heat transfer rate due to changes in the air
mass flow rate was more significant under LTE conditions than under
LTNE conditions. Conversely, variations in water mass flow rate resulted
in a greater increase in heat transfer rate under LTNE conditions than
under LTE conditions. This is primarily due to the larger increase in the



S. Lee et al.

m, =0.143 kg/s
= [ 3
s
=
-
g =
3 -
e =
-
@ 2
& =
& v
g G
= ™
7':' &— Heat transfer rate [LTE]
% o Effectiveness [LTE]
—@— Heat transfer rate [LTNE]
8 Effectiveness [LTNE]
008 0.10 0.12 0.14 0.16 0.18 0.20 0.22 024
Air mass flow rate, m,, [kg/s]
(c) 3
<
X —
— L
- o
] c
[~ -
2 3
 — —~
- -
T o
Q 3
c =]
= °
3 @
- O -
- ® L 2 L — 2 2
g . 4 g
- @— Heat transfer rate [LTE] | I
‘53 & Effectiveness [LTE) -
< — | & Heat transfer rate [LTNE] —
L m,, =0.143 kg/s J | —#— Effectiveness [LTNE] e

008 0.10 0.12 0.14 016 018 0.20 022 0.24

Air mass flow rate, m,, [kg/s]

Energy 318 (2025) 134731

(b

~—

| iy, =0.165 kg/s |

—a——"
r,’l/?—"‘-

&— Heat transfer rate [LTE]
| —@— Effectiveness [LTE]
—@— Heat transfer rate [LTNE]
8 Effectiveness [LTNE]

3 ‘SSAUINIIRYT

Heat transfer rate, Q [kW]

0.08 0.10 0.12 0.14 0.16 0.18 0.20 022

Water mass flow rate, m, [kg/s)

>

*—o o °

ainjesadwal 19)IN0 JANeM

&— Heat transfer rate [LTE] |
&— Effectiveness [LTE)

@ Heat transfer rate [LTNE] |
& Effectiveness [LTNE]

Air outlet temperature, T [K]

DijL’

| e = 0.165 kg/s

...... T ——

008 0.10 0.12 0.14 0.16 0.18 0.20 0.22

Water mass flow rate, m,, [kg/s]
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temperature differential between the inlet and outlet air under LTNE
conditions, driven by higher water mass flow rates, compared to the
corresponding changes under LTE conditions.

Under LTE conditions, the effectiveness slightly decreased from 0.99
to 0.95 as the air mass flow rate increased, while it increased from 0.95
to 0.99 with rising water flow rates. The decrease in effectiveness at
higher air flow rates is attributed to an increase in heat capacity, which
raises the maximum heat transfer rate, Qua.x. However, as the airflow
rate increased, the temperature difference between the inlet and outlet
air decreased, leading to a reduction in the actual heat transfer rate, Q,
and consequently a decrease in effectiveness. In contrast, as the water
flow rate increased, the temperature difference between the inlet and
outlet air widened, and since the rate of increase in Q exceeded that of
Qmax> the effectiveness improved from 0.95 to 0.99.

Under LTNE conditions, the effectiveness decreased more signifi-
cantly, from 0.81 to 0.72 as the air mass flow rate increased, but showed
a modest increase from 0.77 to 0.83 with increasing water flow rates.
This behavior can be explained by the lower heat capacity of air under
LTNE conditions, which contrasts with the infinitely high HTC assumed
under LTE conditions. As a result, LTE conditions exhibit a larger vari-
ation in the temperature difference between the inlet and outlet air with
changes in flow rates, leading to a broader range of effectiveness
changes compared to LTNE conditions.

Fig. 7 shows the total thermal resistance in the HPHX under both LTE
and LTNE conditions. Under LTE conditions, increasing the air mass flow
rate significantly reduced the overall thermal resistance from 2 to 0.9 K/
kW. In contrast, increasing the water mass flow rate only caused slight
fluctuations, with thermal resistance remaining relatively stable be-
tween 1.2 and 1.3 K/kW. The reduction in thermal resistance at higher
air flow rates is primarily due to a decrease in forced convection

resistance, which results from an increased Reynolds number on the
evaporator side. The high heat capacity of water minimizes the influence
of advective thermal resistance on the overall thermal resistance,
causing less variation in heat transfer rates with changes in water flow
rates. Consequently, air flow rate variations on the evaporator side have
a more significant impact on thermal resistance and heat transfer than
changes in water flow rate on the condenser side. Under LTNE condi-
tions, increasing the air mass flow rate decreased the overall thermal
resistance from 4.5 to 3 K/kW. However, under the same conditions, the
thermal resistance only slightly decreased from 3.7 to 3.5 K/kW as the
water mass flow rate increased. The higher thermal resistance observed
under LTNE compared to LTE is due to the lower heat transfer coefficient
in LTNE. The reduction in thermal resistance with increasing air mass
flow rate under LTNE follows the same principle as under LTE: a
reduction in forced convection resistance due to a higher Reynolds
number. As with LTE, changes in the air mass flow rate on the evapo-
rator side had a more pronounced effect on thermal resistance and heat
transfer than changes in the water flow rate on the condenser side.

Fig. 8 compares the temperature and velocity contours between LTE
and LTNE at the midpoint of the evaporator and condenser sections in a
full-scale analysis. The analysis aimed to maximize the energy-
harvesting capacity of the HPHX, with operational flow rates ranging
from 0.115 to 0.215 kg/s for air and from 0.106 to 0.19 kg/s for water.
The contour data was validated using reference flow rates of 0.165 kg/s
for air and 0.143 kg/s for water.

The results showed that LTE, assuming thermal equilibrium, facili-
tated much faster heat exchange than LTNE. In LTE, the heat exchange
was almost complete near the air inlet, while in LTNE, heat exchange
occurred more uniformly along the flow path. Although the air inlet
velocity was the same for both models (3.12 m/s), the overall average
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velocity in LTE was 1.14 m/s slower, with a corresponding lower fluid
temperature. Water, due to its significantly higher density than air,
exhibited much lower velocity, leading to minimal differences in flow
velocity between LTE and LTNE.

4.2. Experimental results

A full-scale HPHX was constructed, and its energy-harvesting per-
formance was experimentally measured to validate the simulation re-
sults. The experimental validation was carried out using the same flow
rates for the working fluids as those in the analysis.

Fig. 9 presents the experimentally measured HPHX performance.
Fig. 9(a) shows the results for five different air mass flow rates, with the
water mass flow rate held constant at 0.143 kg/s Fig. 9(b) illustrates the
results for four different water mass flow rates, while the air mass flow
rate was kept at 0.165 kg/s. Additionally, Fig. 9(c) and (d) display the
outlet temperatures for air and water under each mass flow rate con-
dition, respectively.

As the air mass flow rate increased from 0.115 to 0.215 kg/s, the heat
transfer rate increased from 17.7 to 30.1 kW. As observed in the simu-
lation analysis, the effectiveness decreased from 0.85 to 0.77. In Fig. 9
(a), with the water flow rate held constant, increasing the air mass flow
rate enhances convective heat transfer and reduces advective thermal
resistance, which leads to an increase in the heat transfer rate (Q). Due to
the lower specific heat capacity of air, the minimum heat capacity (Cpin)
is always determined by the heat capacity of air (C,). Consequently, as
the air mass flow rate increases, heat transfer improves, and the

maximum heat transfer rate (Quax) also increases, as described in
Equation (10). However, the increase in mass flow rate results in a
reduced temperature difference between the inlet and outlet of the
evaporator. Therefore, while Qn,x increases, the reduction in the tem-
perature difference outweighs this, leading to a decrease in
effectiveness.

When the air mass flow rate is held constant, increasing the water
mass flow rate from 0.106 to 0.19 kg/s results in a heat transfer rate
increase from 23 to 25.3 kW. In this case, as in the simulation, effec-
tiveness improves from 0.77 to 0.83 (Fig. 9(b)). When the air flow rate is
held constant, the rise in the water mass flow rate leads to a slight in-
crease in the heat transfer rate, as shown in Fig. 9(b). This is because the
high heat capacity of water reduces the impact of fluid thermal resis-
tance on the overall thermal resistance, thus minimizing variations in
the heat transfer rate caused by changes in water flow rate. Unlike the
air mass flow rate increase, which decreases effectiveness, the increase
in water mass flow rate results in an improvement in effectiveness. This
is because, with the air mass flow rate fixed, Qunax remains constant,
while the temperature difference between the evaporator inlet and
outlet increases, thereby enhancing effectiveness.

Fig. 9(c) and (d) show the changes in the outlet temperatures for air
and water as the mass flow rates of both fluids vary. In Fig. 9(c), the air
outlet temperature increases from 317.95 to 333.35 K due to the in-
crease in air heat capacity, indicating a decrease in the temperature
difference between the inlet and outlet. For water, the outlet tempera-
ture rises from 322.65 to 344.05 K as the water inlet temperature is
293.15 K. This demonstrates an increase in the temperature difference
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Fig. 8. | Comparison of temperature and velocity contours between LTE and LTNE. (a) and (d) Air temperatures in LTE and LTNE (H,/2 = 150 mm). (b) and (d)
Water temperatures in LTE and LTNE (H./2 = 62.5 mm). (c¢) and (f) Air velocities in LTE and LTNE (H./2 = 150 mm).

between the inlet and outlet, driven by the higher heat capacity of air.

Fig. 9(d) shows that as the water mass flow rate increased, the air
outlet temperature decreased from 332.35 to 322.65 K, which corre-
sponds to an increased temperature difference between the inlet and
outlet. Conversely, the water outlet temperature decreased from 345.55
to 325.85 K, indicating a reduction in the temperature difference be-
tween the inlet and outlet.

As illustrated in Fig. 9(e), the overall thermal resistance significantly
decreased from 3.8 to 2.4 K/kW as the air mass flow rate increased,
consistent with the results from the analysis. In contrast, Fig. 9(f) shows
that the overall thermal resistance remained nearly constant, varying
only slightly from 3.2 to 2.8 K/kW as the water mass flow rate increased,
which also aligns with the analysis findings. Experimentally, as in the
analysis, it was confirmed that variations in mass flow rate on the
evaporator side had a greater impact on the overall thermal resistance
than changes on the condenser side.

4.3. Comparison of simulation results using LTE and LTNE with
experimental data

The experimental results were comprehensively compared with the
simulation outcomes from the LTE and LTNE models. Fig. 10 presents a
comparison of heat transfer rate, effectiveness, and overall thermal
resistance for different working fluid mass flow rates. Fig. 10(a), (b), and
10(c) compare the heat transfer rate, effectiveness, and overall thermal
resistance for varying air mass flow rates, while Fig. 10(d), (e), and 10(f)
show the corresponding results for varying water mass flow rates.

The LTE model, which assumes an infinite HTC, exhibited a greater
variation in the heat transfer rate compared to the experimental data.
Specifically, as the air mass flow rate increased from 0.115 kg/s to 0.215
kg/s, the heat transfer rate increased from 2.8 to 7.2 kW (a variation of
16 %-23.9 %). In contrast, LTNE showed much smaller discrepancies,
with differences ranging from 0.79 to 2.1 kW (5 %-7.5 %) when
compared to the experimental results.

For changes in water mass flow rate, the heat transfer rate difference
between the experimental results and LTE ranged from 4.5 to 5.4 kW

10

(17.9 %-21.9 %). LTNE, however, demonstrated a smaller error of
1-1.7 kW (5.1 %-7.2 %).

Both LTE and LTNE followed the same trend as the experimental
results, with effectiveness decreasing as the air mass flow rate increased.
However, LTE exhibited a higher error margin, with discrepancies
ranging from 0.13 to 0.18 (15.5 %-23.3 %) compared to the experi-
mental results. In contrast, LTNE showed a smaller error of 0.03-0.05 (5
%-7.2 %). For variations in water mass flow rate, LTE showed a larger
effectiveness difference of 0.15-0.18 (18.5 %-23.2 %), while LTNE’s
error was smaller at 0.03 to 0.05 (4.6 %-6.8 %).

With respect to overall thermal resistance, the error between the
experimental results and LTE was significant, ranging from 47 % to 62.5
%. LTNE, in contrast, displayed a much smaller error margin of 15 %-25
%. When compared to experimental data, LTE conditions exhibited a
maximum average absolute percentage error of +19.8 % in terms of
heat transfer rate and effectiveness. In contrast, LTNE showed a closer
alignment with the experimental data, with a maximum average abso-
lute percentage error of +6.2 %.

5. Conclusion

This study examined the thermal performance of a heat pipe heat
exchanger (HPHX) with multiple fins. To simplify the finned section, a
porous media model was used, representing the finned area as an
annular porous medium. Two thermal models were assessed: the local
thermal equilibrium model and the local thermal nonequilibrium model.
Experimental results confirmed the predictive accuracy of both models.
This analysis led to the successful development of an HPHX capable of
recovering over 30 kW of waste heat, contributing to advancements in
the design and efficiency of waste heat recovery systems:

(1) The energy harvesting capacity of the HPHX was assessed across a
range of air and water mass flow rates (air: 0.115-0.215 kg/s,
water: 0.106-0.19 kg/s). In the local thermal equilibrium model,
the energy recovery increased from 20.6 kW to 37.3 kW as the air
mass flow rate rose, and it increased from 28.4 kW to 29.8 kW
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(2

3

with rising water mass flow rates. In the local thermal nonequi-
librium model, energy recovery varied from 16.9 kW to 27.9 kW
with increasing air flow rates, and from 21.9 kW to 23.6 kW with
increasing water flow rates. The effectiveness of the HPHX ranged
from 0.95 to 0.99 in the local thermal equilibrium model and
from 0.72 to 0.83 in the local thermal nonequilibrium model.
Experimental results closely aligned with the analytical models.
In experiments, energy recovery varied from 17.7 to 30.2 kW
with increasing air flow rates, and from 23 to 25.3 kW with
increasing water flow rates. The experimental effectiveness
ranged from 0.73 to 0.85.

A comparative analysis between the two models revealed that the
local thermal nonequilibrium model was more accurate, with

11

predictive errors for heat transfer rates ranging from 5 % to 7.5 %
and for effectiveness ranging from 5.2 % to 8.3 %.

(4) The constructed HPHX successfully recovered 30.2 kW of waste
heat with an efficiency of 0.78, and is expected to be suitable for a
variety of industrial applications, including gas turbine exhaust
systems, steel heat treatment processes, and organic chemical
processing. This versatility underscores the potential of the HPHX
to significantly enhance energy efficiency across multiple sectors.
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